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ABSTRACT 

A novel impeller, designed for double suction centrifugal pumps, has been recently 

proposed, showing higher performance than the baseline with a back-to-back configuration. 

The impeller is characterized by a new arrangement of its vanes, which come up alternately on 

the same circumferential exit actually, doubling the number of blades at the outlet. These 

characteristics may be helpful to effectively harness energy when the pump is used as a turbine, 

since the higher number of blades improves the flow guidance at the inlet of the runner and the 

new shape of the vanes reduces the losses inside the channels. This work aims to quantify the 

improvement in terms of performance as a PaT of the new design with respect to the baseline. 

Both configurations have been investigated by means of 3D U-RANS simulations. Furthermore, 

the rotary stagnation pressure inside the vanes at their best efficiency points and their 

characteristic curves have been calculated and compared. Eventually, advantages in terms of 

power coefficient and space saving have been pointed out by scaling the novel geometry. 
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NOMENCLATURE 

p static pressure [N/m2] 

ρ density [kg/m3] 

w relative velocity vector [m/s] 

u peripheral velocity [m/s] 

H head [m] 

Q flow rate [m3/s] 

nq specific speed [rpm m3/4/s1/2] 

fq number of impeller entries 

C torque [Nm] 

pst stagnation pressure [N/m2] 

ψ pressure coefficient [-] 

φ flow coefficient [-] 

λ power coefficient [-] 

PRR disk friction losses [-] 

D diameter [m] 
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n rotational speed [rpm] 

ηg global efficiency [-] 

ε friction coefficient [-] 

Z number of blades [-] 

l2 blade height [mm] 

INTRODUCTION 

World’s energy consumption is increasing year by year and much attention is paid to renewable 

energy sources (such as hydroelectric) in order to replace fossil fuels consumption. In the field of 

Micro Hydropower Plants (MHP) where turbines are critical technological components, many 

researchers in the last decades proposed the use of pump as turbine (PaT) (Binama, 2017 – Stefanizzi 

2018) and applied them to a real sites (Morabito, 2018). Furthermore, a significant amount of energy 

in petrochemical plants and water distribution networks is often wasted when Pressure-Reducing 

Valves (PRV) or other restriction mechanisms are used. Indeed, these devices can be effectively 

replaced by pumps used as turbines for waste energy recovery.  

Furthermore, pumps as turbines are used in combination with renewable energy plants in order to 

store energy during off-peak demand due to their intermittency (Morabito, 2017). Thus, they can be 

used as energy storage systems (ESSs). One of them is the Pumped Hydro Energy Storage (PHES), 

which is characterized by predictable energy characteristics, long-term reliability and reduced global 

environmental effects. Moreover, thanks to its storage capacity and flexibility it can support the 

installation of other intermittent renewable power plants (Ardizzon, 2014 – Rehman, 2015). The use 

of PaT is strongly suggested because pumps are mass-produced, cheaper than conventional turbines 

and cover wide range of specific speeds and sizes. Moreover, considering their economic impact, it 

is well known that their installation guarantees a payback period of two years on average, which is 

more profitable than conventional hydraulic turbine (Paish, 2002). 

Herein a novel impeller, which has been designed on purpose for low-medium specific speed 

double suction centrifugal pumps (nq <60), is studied numerically in reverse mode. The novel 

geometry has been previously studied as a pump showing an efficiency improvement with respect to 

a conventional geometry (a baseline impeller with the same specific speed) in the order of 1-2% 

associated to a slip factor increase (+8.5%), secondary losses reduction and impeller outflow 

homogeneity improvement (Capurso, 2019 – Bergamini, 2017). 

The novel double suction impeller is characterized by a new arrangement of its flow channels, 

which come up alternately on the same circumferential exit even if they start from the two different 

sides actually doubling the number of blades at the outlet of the impeller (see section “Novel 

Geometry”). The new channel arrangement can help in guiding the flow at the inlet of the runner of 

a PaT in absence of diffuser and their novel shape allows the reduction of the hydraulic losses 

providing more energy to the shaft. 

Numerical analyses of both a baseline and the novel impeller operating in turbine mode have been 

performed by means of OpenFOAM and solving the 3D U-RANS equations with the k-ω SST model 

for turbulence closure (Menter, 2003). 

Eventually, their characteristic curves have been compared. The novel geometry shows higher 

values of the power coefficient (λ) and efficiency (η) especially at part-loads; these improvements are 

justified by evaluating the disk friction losses and the hydraulic losses inside the vanes. To do this the 

rotary stagnation pressure variation has been calculated along the channels of the two geometries. 

The results show that the novel geometry is able to extract energy from the fluid more efficiently. 

Furthermore, the new geometry can be downsized (-3.5%) to work at the same flow coefficient of the 

baseline providing both higher power coefficient (+5.53%) and space saving. 

NUMERICAL METHODS 

In this work, numerical investigations have been performed by means of the open-source CFD 

code OpenFOAM. The 3D unsteady RANS equations have been chosen in order to take into 
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consideration flow unsteadiness and the interaction between the exit of the volute (where the tongues 

are placed, see Figure 1) and the inlet of the runner. Furthermore, they have been considered adequate 

in order to model the flow through the pump where quantities (such as head, torque, etc.) have to be 

considered averaged over a time period short enough with respect to global unsteady phenomena but 

long enough for statistical significance (Shah, 2013).  

 

Figure 1: Front and side view of the CAD representing the centrifugal pump (on the left);  

contours of the mean velocity on the middle plane of the volute (on the right). 

In the OpenFOAM package the application pimpleDyMFoam has been selected to run transient 

simulations, including moving meshes, with incompressible flow. This application is based on the 

PIMPLE algorithm: a combination of the PISO (Pressure Implicit with Splitting of Operator) and 

SIMPLE (Semi-Implicit Method for Pressure-Linked Equations). The turbulence model applied for 

the system closure is the k-ω SST (Menter, 2003). This turbulence model is a standard to perform 

numerical analyses in hydraulic turbo machineries. It automatically uses the k-ω model in the near 

wall region whereas the k-ε model away from the walls. The k-ω SST model can give an accurate 

prediction of flow with strong adverse pressure gradients and separation. These phenomena usually 

occur inside centrifugal pumps and PaT under off-design conditions (Huang, 1997). 

Numerical domain and boundary conditions 

The geometry studied in this work reproduces the suction pipe, the discharge pipe and the 

impeller of a commercial double suction centrifugal pump, property of Nuovo Pignone, with a 

specific speed nq 21. The specific speed is calculated by means of the most common definition in 

Europe (Gülich, 2008): 

 

𝑛𝑞 =
𝑛√𝑄𝐵𝐸𝑃/𝑓𝑞

𝐻0.75
 (1) 

where H is the hydraulic head (m), Q is the flow rate (m3/s), n the rotational speed (rpm) and fq is 

the number of impeller entries. The geometry represented in Figures 2 and 6 has been simulated 

working as a turbine. 

Table 1. Details of the conventional geometry. 

 D2 [mm] β2 [°] l2 [mm] n [rpm] ηv Z 

Conventional geometry 252.2 24.2 12.5 3900 0.946 7 

 

The runner is a double suction impeller, actually two single suction centrifugal pump impellers 

with seven blades in a back-to-back configuration, see Figure 2. This kind of centrifugal pump is 

preferred to single entry pumps since it has superior efficiencies, it minimizes the net positive suction 

head required (NPSHR) and the axial thrust is balanced. Moreover, the volute is double to balance the 

radial loads on the rotor and allow high-speed operation, also at part load (Gülich, 2008). The load 

balancing occurs both in pump and turbine mode. 



4 

 

For all the analyzed cases, the mass flow rate has been imposed at the inlet considering a uniform 

inlet velocity distribution. Moreover, the value of the mass flow leakage, which flows through the 

annular seal, has been modeled as exiting from the impeller case and incoming axially upstream the 

impeller eye with a 45° of swirl with respect to the tangential direction. The leakage has been 

calculated a priori according to a one-dimensional empirical model because the geometry of the seal 

has not been included in the computational domain (Gülich, 2008). The value of the flow velocity 

coming from the annular seal is function of the head (H) and the main dimensions of the seal, its 

width (s) and length (Lsp). The value of the flow leakages for this double suction centrifugal pump is 

roughly 4% of the flow rate. A uniform pressure distribution has been imposed at the outlet of the 

domain. At the inlet and outlet of the pump, straight pipes have been added to reduce uncertainties 

due to boundary conditions. 

The grid is a hybrid mesh and it has been generated with Icem CFD®. Prism layers have been 

introduced close to the walls and the surrounding volume has been discretized with unstructured 

elements in order to achieve y+ equal to 30. 

The three parts of the geometry, which have been merged together, communicate each other by 

means of interfaces. In OpenFOAM the boundary condition used on these interfaces is named 

cyclicAMI (Arbitrary Mesh Interface). Furthermore, for this test case the turbulent intensity has been 

assumed constant and equal to 3% at the inlet of the domain. A critical aspect has been the definition 

of the wall roughness in OpenFOAM; the value of the equivalent sand grain roughness is equal to 56 

μm and 5.6 μm, respectively for the walls of the stator and rotor parts; the same values are used for 

all the geometries tested (Adams, 2012). To do this the nutURoughWallFunction (boundary condition 

which provides a turbulent kinematic viscosity condition when using wall functions for rough walls, 

based on velocity) has been applied to the walls in the nut file together with kqRWallFunction 

(boundary condition which provides a suitable condition for turbulence k, q and R fields for the case 

of high Reynolds number flow using wall functions) and omegaWallFunction (this boundary 

condition provides a wall function constraint on turbulence specific dissipation, ω), respectively for 

k and ω wall boundary conditions.  

The numerical method assessment has been done by comparing the characteristic curve (head and 

efficiency) of the baseline pump calculated either with the commercial code CFX and OpenFOAM 

(Nilsson, 2006 - Capurso, 2019). A grid refinement study has been performed for the pump 

configuration. Three different mesh sizes have been generated with the grid generator ICEM CFD® 

see Table 1; all the grids are characterized by the same value of y+. Eventually, a grid made of 11 

million of cells has been chosen because of small deviations in the results and a good compromise 

between the geometry refinement and the computational costs (see Table 1). The meshes of the two 

geometries (the baseline and the novel one), the conventional and the novel one, have generated by 

applying the same strategies. Moreover, the suction and the discharge pipe are identical. 

Table 1. Different grid refinements with the pump Head calculated at the BEP. 

 Coarse Medium Fine 

Impeller (106) 3 6 10 

Suction (106) 1 2 4 

Discharge (106) 2 3 6 

Total (106) 6 11 20 

Head at BEP (m) 139.8 140.8 141.0 

ηg 0.820 0.831 0.832 

Time (h) 128 cores 7 18 40 

NOVEL GEOMETRY 

In this work, a novel impeller geometry proposed by the authors, which can retrofit conventional 

impellers for double suction centrifugal pumps, has been studied numerically under turbine operating 

conditions because it is thought to be able to improve the entrance of the flow coming from the volute.  
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The novel impeller, which is designed by means of a specific 1D code, actually allows one to 

double the number of blades at the outlet of the impeller in a way that the channel outlets, coming 

from the two sides, are circumferentially arranged and therefore the flow guidance is increased, see 

Figures 3 and 4. 

In conventional geometries, the width of the channel (α) is constant from the inlet to the outlet, 

for instance for a Z=7 blades impeller α=2π/7=const. In Figure 3 a single vane belonging to the two 

geometries is represented. Currently, in the same vane width (α) two novel vanes outlet are now 

included. Figure 3 points out the new arrangement of the channels looking at their outlets, namely 

α=π/Z is halved and l2 is doubled (Figure 2). 

The basic idea behind the novel impeller is its compatibility with the housing of the conventional 

impeller keeping the same specific speed of the baseline. The channels not only intersect each other 

without interference but also have a cross sectional area distribution along the center line (c-line), 

which allows a smooth variation of the velocity along the c-line inside the channel. 

As it will be shown, this results in an increase of the slip factor, which leads to a higher value of 

the hydraulic head with respect to a conventional configuration with the same impeller outlet 

diameter. Other results are a higher value of the hydraulic diameter (Dh) and a lower length of the 

channels (L), which allow a lower amount of losses inside the new channel, hence improving the 

hydraulic efficiency (eq.(5), Figure 4). This has been also highlighted by evaluating the rotary 

stagnation pressure inside the channel (Capurso, 2019). 

 

Figure 2: View of vanes outlet of the baseline geometry (on the left) and the novel impeller (on 

the right). “A” and “B” represent the two impellers usually arranged in back-to-back 

configuration. On the right upper side a picture of the prototype manufactured by means of 

the lost-foam casting technique. 

 

Figure 3: 3D CAD view of the impeller vanes arrangement.  
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Figure 4: Comparison between the conventional (left) and the novel impeller (right) 

geometries. View of the streamlines inside the vanes colored by the relative velocity magnitude 

(w). For the novel geometry the cline points are highlighted. 

The first prototype of the novel impeller has been manufactured by means of lost-foam casting 

technique, see Figure 2. 

RESULTS AND DISCUSSION 

Simulations have been run for 10 complete rotation of the machine and when convergence has 

been reached, the results have been calculated over the last 3 rotations. The time step has been chosen 

as a fraction of the time in order to guarantee numerical stability, thus ∆t = (T/Z)/ 256 = 4.5E-6 s 

where T is the time that it takes to complete one rotation and Z the number of blades. The mean and 

the local maximum Courant number results equal to 0.03 and 6, respectively. 

Turbine mode 

Firstly, the characteristic curves of the two geometry have been calculated (Yang 2012 – 

Derakhshan 2008). In Figure 5 the head, H, and the efficiency, η, of the two machines have been 

represented by means of dimensionless coefficients whose expressions are defined as follows:  

𝜓 =
2𝑔𝐻

𝑢2
2  (2) 

𝜑 =
𝑄

𝜋𝐷2𝑢2/4
 (3) 

𝜂 =
𝐶𝜔

𝑄Δ𝑝𝑠𝑡
 (4) 

In eqs. (2) and (3), D2 is the outer diameter of the impeller, u2 = πD2n/60 is the tangential velocity 

calculated at the outer diameter and g is the standard gravity. In eq.(4) Δpst is the total pressure drop 

between two flanges upstream and downstream the impeller (N/m2), ω is the angular velocity (rad/s) 

and C is the torque (Nm) the fluid exchanges with the impeller, including the shear stress acting on 

the internal and external surfaces of the impeller (disk friction losses). 
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The first results show the different performances of the two geometries. The runaway curve, 

represented in Figure 5, has been obtained by means of the empirical equations proposed by Gülich 

(2008). This curve, which represents the limit for power production (C=0), is helpful to define the 

operating range of the PaT. 

The design of the impeller is usually based on a given differential head, flow rate and rotating 

speed. This means that the specific speed is actually imposed. The novel geometry was designed to 

target the specific speed (nq) of the conventional impeller in pump mode (Capurso, 2019). The 

experimental data showed a small difference 3.66% that includes the uncertainty of the graphical 

determination of the position of the BEP flowrate. Calculated performances in turbine mode confirm 

the same difference in specific speed. 

In Figure 5 one can observe that the novel impeller has a φ in correspondence of the BEP higher 

than the baseline, whilst in Figure 6a the global efficiency is higher (+0.83% close to the BEP) than 

the baseline. This shall be due to the novel shape of the vanes. 

Looking at Figure 6a, both at part-load and over-load, the dashed red curve decreases in a 

smoother way than the black curve. The novel geometry is prone to reduce the friction losses, as 

explained by eq.(5): 

ℎ𝑤 = 𝜀
𝐿

𝐷ℎ

𝑤2

2𝑔
 (5) 

where ε is the friction factor which depends on Reynolds number and relative roughness ε = f(Re, 

r/D). 

 

Figure 5: Pressure coefficient (ψ) vs flow coefficient (φ) curves of the two geometries. 

Moreover, the power coefficient (λ) has been evaluated; it is defined as follows (Gülich, 2008): 

𝜆 = 𝜑 𝜓 𝜂 (5) 

Looking at Figure 6b, the power coefficient of the novel impeller is towards higher flow 

coefficients. 

Scaled geometry 

In order to overlap the novel impeller BEP with the one of the baseline, the former has been 

downscaled by a factor of 0.965 (-3.5%) along all the directions (x, y, z). Naturally, the relative 

roughness has been kept constant. This scaling leads to a more compact system and characterized by 

a weight reduction. 
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Figure 6: a) Efficiency (η) vs flow coefficient (φ) curves of the two geometries; b) power 

coefficient (λ) vs flow coefficient (φ) curves of the two geometries. 

After downscaling, the two machines have their BEPs placed at Q/QBEP, conv = 1, with the 

difference that the novel impeller still provides higher head (Figure 7a). This means that the runner 

is able to extract a larger amount of energy from the fluid than the traditional one, ΔH = +4.70%. 

To overlap the two characteristic curves a further scaling is necessary. In addition to the size 

scaling a reduction of the rotational speed is needed (-4%). Thus, the new impeller allows to guarantee 

the same performance of the baseline with size saving and an improvement of the global efficiency. 

Indeed, it is well known that the power losses due to disk friction losses is proportional both to 

the third power of the angular velocity and the fifth power of the diameter of the machine as described 

by the equation 6 (Gülich 2008): 

𝑃𝑅𝑅 =
𝜋

5
𝜌𝜀𝜔3𝑟2

5 (1 −
𝑟1

5

𝑟2
5) ∝ 𝜔3𝑟5 (6) 

This expression is valid per side of the disk. Beside, for double suction pump its value is doubled. 

In eq.(6) ε is the friction coefficient previously introduced in eq.(5). For this specific application, it 

can be calculated as the friction coefficient of a parallel flow on a plate. It still depends on the 

Reynolds number and the surface roughness. The power dissipated by the disk friction acting on both 

sides of the runners with respect to the entire power generated is equal to 6% for the baseline and 5% 

for the not scaled novel geometry. Thus, both scaling diameter and angular velocity we obtain a 

machine, which provides the same performance of the baseline with a remarkable improvement of 

the efficiency, in particular a disk friction losses reduction equal to -26% (power dissipated by disk 

friction is now 3.7% of the power generated). The reduction would be limited to -16% if only a 

geometric scaling was considered.  

Moreover, looking at the efficiency curve (Figure 7b) the novel geometry is prone to convert fluid 

energy at BEP as described previously but especially at part loads (+14.9 %). The novel shape of the 

channel and their width can reduce instabilities at the inlet of the runner at part loads (Xiaohui, 2017) 

that are responsible of static pressure reduction. Eventually, the evaluation of the power coefficient 

(λ) shows another important advantage. The novel geometry presents a higher curve over the entire 

range of flow rate; in particular an increase of 5.53% at the BEP, see Figure 7b. 

Comparison of the performance 

To further investigate the performance improvement, the rotary stagnation pressure, eq.(7), has 
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Figure 7: a) H/HBEP, conv vs Q/QBEP, conv curves of the baseline, the novel impeller scaled by D 

and the novel impeller scaled by both D and n; b) Efficiency (η) and Power coefficient (λ) vs 

Q/QBEP, conv curves of the baseline and the novel impeller scaled by D. 

been calculated inside the vanes of the baseline and the novel geometry at their best efficiency 

points (BEPs). The rotary stagnation pressure is defined as:  

−Lw =
∆𝑝∗

𝜌
= ∆ (

𝑝𝑎𝑏𝑠

𝜌
+  

𝑤2

2
− 

𝑢2

2
) (7) 

where u is the local rotational speed defined as u = ωR, pabs is the absolute static pressure, and w 

is the relative velocity (Johnson, 1982). For incompressible, inviscid flow, the value of p∗ is constant 

along a streamline. For the viscous flow, the change of this parameter between two points on the same 

streamline represents the viscous loss. This parameter has been calculated along the channels as area-

weighted integral on iso-surfaces with constant meridional coordinates (see Figure 8). 

Looking at Figure 8, when the fluid flows through the novel impeller, it is subjected to a smooth 

reduction of the rotary stagnation pressure, Δp*/ρ. This means that the hydraulic efficiency of the new 

channels is higher than the baseline one. This result also has a positive impact on the global efficiency 

of the PaT, see Figures 9 and 12. 

The rotary stagnation pressure decreases in the first part of the channel (roughly first 20%) since 

the shape of the baseline vane is wider in the tangential direction, indeed greater distance between 

the blades induces secondary flows in its first part. 

Looking at the efficiency curve at part-loads, the novel impeller not only reduces the losses when 

it works at the BEP, but also when the fluid at the outlet of the volute is not perfectly guided. Indeed, 

the novel vanes work better at off-design. Further analysis is suggested to analyze the slip 

phenomenon at the outlet of the novel vanes (Capurso, 2018), which is another source of inefficiency. 

CONCLUSIONS 

Recently authors have proposed a novel impeller design in order to retrofit conventional double 

suction pump. Given the good results in pump operating mode, due to the new vane shape and 

arrangement, the novel impeller has been investigated in turbine mode. Since no experimental results 

were available in turbine mode, the comparison has been carried out numerically. Firstly, 3D U-

RANS simulations have been run with the open source CFD code OpenFOAM. Then the 

characteristic curves of the two machines have been calculated and their specific speeds compared. 
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Figure 8: Evolution of the rotary stagnation pressure inside the channel of the two geometries. 

Representation of the iso-surfaces inside the channel of the novel geometry. 

From the analysis of the results, a size scaling (-3.5%) is proposed in order to reach the same 

performance of the baseline geometry. Once done, this size reduction moves the BEP of the novel 

geometry at the same value of Q/QBEP,conv =1, pointing out that the novel geometry is able to extract 

excess energy from the fluid ΔH = +4.33%. 

Thus, to reach the same performance of the baseline an additional scaling is required. By reducing 

both the size (D) and the rotational speed (n) an overlapping of the curves of the two machines is 

possible. This leads to a remarkable reduction of the disk friction losses and an improvement of the 

global efficiency. 

Moreover, the rotary stagnation pressure has been studied inside the two machines working at 

their BEPs and the fluid flowing inside the novel vanes presents a reduced level of losses from the 

inlet to the outlet of the runner. 

In the future, further analyses of the rotary stagnation pressure will be carried out at part loads in 

order to investigate the benefits from using the novel geometry in reverse mode in off-design 

conditions. Moreover, velocity profiles at the inlet and at the outlet of the runners will be compared 

to analyze the behavior of the novel vanes in guiding the fluid exiting from the volute and to quantify 

slip phenomena at the outlet of the novel runner. This phenomenon is similar to the one that occurs 

at the outlet of centrifugal pumps due to the finite number of blades and it becomes significant for 

PaTs, which are characterized by a lower number of blades compared to conventional turbines. Its 

influence on the performance of the novel impeller will be analyzed in further works.  
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