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ABSTRACT 
Turboexpander generation technology is a promising solution for both CO2 emission 

reduction and providing autonomous auxiliary power for gas letdown stations and some 
technological processes. Nevertheless, its further development faces challenges to date due to 
several major restrictions: 1. long payback period of plants with conventional turbines; 2. 
significant annual fluctuations of gas inlet parameters; 3. high demands of conventional 
turbines for working fluid cleanliness. In order to address the abovementioned issues 
bladeless centrifugal reaction turbine may be introduced for turboexpander systems within 
power range up to 350 kWt. This turbine is a variation of so-called Segner wheel known for 
centuries. Its efficiency is lower comparing with the conventional rotary machines, but 
remains appropriate within the specific conditions of turboexpander application. Having 
proposed a conceptual design of a turbine the paper then highlights main features of its 
aerodynamics and kinematics. A comparison of the proposed turbine and axial transonic one 
is carried out within a wide range of pressure ratios as typical operating conditions. A 
centrifugal turbine advantage is highlighted which is an ability to generate comparable power 
as conventional ones while having lower cost and higher mud and erosion resistance. 
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NOMENCLATURE 
ath      nozzle throat (mm)     p      pressure (MPa) 
Dm      nozzle mean diameter (mm)   r       radius (m) 
Fth      overall nozzle throat area    T      temperature (K) 
Fleak    cross-section area over the last seal’s fin  u/C0 stage specific speed 
GT      mass flow through the impeller (kg/s)  Z      number of channels 
Gleak   mass flow of the leakage (kg/s)   c      velocity in stationary frame (m/s) 
Gimp0   mass flow through the impeller   cu     circumferential projection of 
      at zero rotational speed (kg/s)                      velocity in stationary frame (m/s) 
h         static enhtalpy      u       circumferential velocity (m/s)             
H0      isentropic enthalpy drop (kJ/kg)    w      velocity in relative frame (m/s)                    
Hu      Euler’s turbine specific work (kJ/kg)  α2*   discharge angle in stationary frame            
k      isentropic exponent    β2*   discharge angle in relative frame 
ka      area ratio coefficient    ε       partial admission rate 
lth      nozzle height (mm)    η       turbine efficiency 
MR      rotor torque (N·m)     π       turbine pressure ratio 
n      rotational speed (rev/min)    χ       leakage correction factor 
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Subscripts and abbreviations 
c      turbine nozzle inlet     1       impeller inlet 
mod    model      2       impeller outlet 
t-s       total-to-static (efficiency)    *       total parameter 
wl       without leakage (efficiency) 

INTRODUCTION 
One of the possible applications of turboexpanders is electrical generation with using 

pressurized natural gas at gas letdown stations. In this case the pressure reduction occurs in a 
turbine with some energy output while routine procedure of throttling is not able to produce work. A 
potential of electricity generation via turboexpanders is immense all over the world. An interesting 
fact is that both gas exporting and importing countries may have significant generation potential. 
Rasmussen (2010) in the framework of ZEGEX+ project showed that the net annual electricity 
production of 80 GWh is possible in Danish gas distribution system. Lehman et al. (2001) stated 
that the theoretical maximum of annual energy generation by expansion turbines in USA gas 
transport system is 21TWh, which is an equivalent of about 2500 MW power. Cleveland et al. 
(2014) referred to the previous investigations which had assessed the British gas distribution system 
power capability as 390 MW excluding small letdown stations with less than 100 kW available 
output. Korean scientists (Yoo Han Bit et al. 2015) evaluated the generation potential in their 
country to be in the range 100-200 MW taking into account seasonal oscillations of gas 
consumption. As reported by Environics advisory company in cooperation with dr. Mohamed Salah 
Elsobki (2013), Egyptian gas distribution system may provide up to 90 MW electricity via 
turboexpander generation. In Pakistan Unar et al. (2015) assessed the maximal installed power as 
6.32 MW.  

Currently, despite the high potential of energy recovery just a limited number of turboexpander 
generation plants exist. Analysis prepared by Energy and Environmental Analysis, Inc. (2008) 
established that by 2008 there were not known commercial turboexpander installations generating 
electricity at city gates in the U.S. pipeline system. Several plants have been established in 
Netherlands and Japan in 1990-s as mentioned by Lehman et al. (2001), but they have power range 
over 1 MW. Up to 10 plants were installed in Russia and CIS over the last 20 years within the same 
power range. 

Most of low and medium size turboexpander generation plants are installed in the framework of 
demonstration activities or pilot projects. CELSIUS project described by Borelli et al. (2015) 
proposed turboexpander of about 500 kW maximum power was paired with local CHP plant. 
Howard (2009) described a pilot installation in Toronto, Canada where gas turboexpander of the 
same power was coupled with fuel cell. 20 kW auxiliary power turboexpander unit was installed in 
2012 at city gate station owned by Gazprom Transgaz Saint-Petersburg for testing and fine-tuning. 

The three main reasons that inhibit the further development of turboexpander market can be 
outlined: 

1. High plant capital cost and therefore extended payback period; 
2. Significant annual fluctuations of gas inlet parameters, which cause low efficiency and 

reduced power output;  
3. High demands of conventional turbines for working fluid cleanliness. 
High production cost of a turbine is a major contributor to high overall plant cost. Dumond et al. 

(2016) have presented a technical-economic model of ORC turbine plant which defined an 
expander cost as up to 60% of capital investments. For gas letdown turboexpanders the turbine price 
appears to be slightly lower due to lower operational temperatures, but within the same order of 
magnitude. 

Annual gas volumetric flow variations are typical for pipeline system operation. The data 
provided by Borelli et al. (2015) and Howard (2009) is presented in figure 1. It is interesting that 
different city gate stations located in different climatic areas experience pretty much the same gas 
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flow fluctuations. As a result of lower gas flow the available pressure ratio also decreases due to the 
necessity of keeping constant the station discharge pressure. Flow parameters variation results in 
significant variation of plant efficiency and power. Babasola (2010) analyzed the annual expander 
isentropic efficiency (absolute) variation with using the methodic proposed by Maddaloni et al. 
(2007). It was found that the efficiency varied from 12% to 80% and for 8 months a year was well 
below 50%.   

 

 

 Figure 1: Typical gas volumetric 
flow and inlet pressure variations at 

city gate stations  Figure 2: The centrifugal turbine outline 
 
Natural gas in pipelines may contain traces of gas condensate which may depose at turbine flow 

path causing its partial blockage. Solid particles in gas flow, like sand, are a significant contributor 
to blade erosion.  

To sum up, in order to fulfill strict requirements at gas turboexpander application expansion 
machine is due to be technologically simple and have low manufacturing cost; demonstrate high 
mud and erosion resistance and keep its performance within the wide range of operating conditions. 
In order to fulfill the said requirements centrifugal reaction turbine may be proposed. 

CENTRIFUGAL REACTION TURBINE DESIGN 

Turbine Design 
In contrast to conventional turbines which comprise several nozzle vanes and one impeller, the 

centrifugal reaction turbine has an impeller with several passages placed in a hood as shown in 
figure 2. A working fluid enters the impeller at the center, turns to the radial direction getting into 
the passages and moves radially outwards. The passage is shaped so as to meet the working fluid 
compression due to centrifugal forces. Each passage terminates in the nozzle where the flow 
accelerates reaching high Mach numbers since the overall gas potential is captured by impeller. Due 
to transonic operation convergent-divergent nozzle has to be applied. In order to simplify the design 
the divergent part is skipped in favor of fluid expansion in the axial gap.  

Turbine work is defined by equation (1), which derives from Euler’s basic equation. The 
maximal work occurs when flow leaves the impeller tangentially, i.e. ,1cos *

2 =β 0*
2 =β . 

 
.cos 2

2
*
222 uuwHu −= β  (1) 

 
Nevertheless, axial flow discharge is arranged in order to avoid machine’s oversizing in radial 

dimension. Impeller outlet angle *
2β  may be set in the range from 4 to 7° in order to increase work. 
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This also correlates with low mass flow rates typical for plant power less than 250 kW. While small 
*
2β  angle is applied partial admission can be avoided or partial admission rate ε can be increased. 

Due to the stage specific kinematics the flow has small absolute flow angle α2
* (less than 30°, 

please see figure 6) while entering the hood and therefore starts circular motion in it. Having made 
the whole circle into the hood, the working fluid leaves it at the outlet in the top. 

Mechanical Design, Manufacturability and Erosion Resistance 
The impeller consists of two parts. A primary disk contains channels and nozzles, which are 

milled out on it, and an inlet spinner cone. A cover disk finally shapes the flow part and also bears a 
radial labyrinth seal.  

Passages are straightforward to manufacture due to a rectangular-shaped cross section. Outlet 
nozzles require 5-axis milling. Due to small turbine outlet angles the number of passages is several 
times smaller than in conventional turbines within similar mass flow rates. The abovementioned 
factors and the absence of stator vanes define a centrifugal turbine’s manufacturability and, 
therefore, a lower production cost. 

The exhaust hood is designed to be straightforward to manufacture. It consists of a hollow 
cylindrical bottom part, where the impeller is located, and a prismatic top part (collector) with a 
simple flow separator.  

Since the impeller’s flow path is arranged with channels instead of blade passages its erosion 
resistance is obviously higher. Rotating passages in the same time prevent mud that natural gas 
contains from deposition in the flow path. 

Investigated Turbine 
The baseline turbine designed so as to provide 32 kW of mechanical power at 3000 rpm and the 

pressure ratio of 3.167. The design parameters are provided in table 1. 
 

Table 1: Design parameters of the baseline turbine 
Parameter Dimensions Value 

Throat shape - Rectangular 
Dm mm 398.5 
ε - 0.42 

ath mm 10 
lth mm 12.1 

β2* deg. 5 
Z - 4 

 
Numerical Simulation Methodology 
This paper provides the results of 1D and 3D CFD simulation of the centrifugal reaction 

turbine. 
Due to the peculiarities of the turbine under investigation, which are described in detail further, 

utilizing of commercial tools poses challenges for preliminary 1D simulation. In-house 1D 
simulation tool is proposed based on well-known turbine equations and supplemented with 
correlations for nozzle velocity coefficients obtained from CFD simulations in order to improve the 
model’s accuracy. 

Commercial code ANSYS CFX was used to perform 3D numerical simulation. Due to high 
discharge flow velocity its interaction with the flow in the hood may significantly influence the 
overall plant performance. In order to replicate the real operating conditions an approach of a joint 
simulation was applied, i.e. the rotating impeller and static hood were pared with using rotor-stator 
interface. Whereas the exhaust hood does not have axial symmetry and the discharge flow passes 
through the whole circle in the hood, the full circumferential simulation is vital to resolve correctly 

http://context.reverso.net/%D0%BF%D0%B5%D1%80%D0%B5%D0%B2%D0%BE%D0%B4/%D0%B0%D0%BD%D0%B3%D0%BB%D0%B8%D0%B9%D1%81%D0%BA%D0%B8%D0%B9-%D1%80%D1%83%D1%81%D1%81%D0%BA%D0%B8%D0%B9/manufacturability+of
http://context.reverso.net/%D0%BF%D0%B5%D1%80%D0%B5%D0%B2%D0%BE%D0%B4/%D0%B0%D0%BD%D0%B3%D0%BB%D0%B8%D0%B9%D1%81%D0%BA%D0%B8%D0%B9-%D1%80%D1%83%D1%81%D1%81%D0%BA%D0%B8%D0%B9/manufacturability+of
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the flow behavior and disk friction losses. In the investigations carried out by Gardzilewicz (2009) 
the advantages of a joint simulation of turbine and exhaust hood as opposed to the coupled 
simulations are evidently shown. The abovementioned rotor-hood interactions are also a reason to 
apply transient CFD simulations instead of steady-state ones. In this, steady-state solution results 
are used as initial conditions to shorten the convergence time.   

In order to capture intensive flow separations in the hood and, in the same time, free turbulent 
shear flows (jet from the outlet nozzles) k-ω SST turbulence model was used. A range of y+ 
parameter was between 30 and 60 for the impeller parts and below 2 for the stator (hood) parts. The 
applicability of the wall functions in the impeller parts is evidenced by the doctoral thesis of 
Epifanov (Epifanov 2012), who studied the nozzles with low discharge angles and has shown that 
the wall functions of SST model are able to provide reliable CFD results.  

 The following grid density parameters were applied: at least 10 elements (with not taking into 
account prism layers) were used for each direction in the cross section of the impeller channels and 
nozzle within the maximum size of tetra element in the impeller domain of 2 mm. For the hood 
domain the same requirement was imposed on the cross section resolution with the maximum tetra 
element size limit of 4 mm.  The grid sensitivity study was omitted since the reasonable agreement 
with the experimental results was obtained in the CFD model validation with using the 
abovementioned grid density. 

Monitoring of RMS residuals, imbalances and turbine efficiency and power output was used to 
control the convergence of the steady-state solution process. The convergence criteria for the said 
approach were: 

− drop of RMS residuals by a factor of more than 102; 
− imbalances less than 0.5%; 
− steady behavior or periodic oscillations of the parameters at monitor points. 

For the transient simulation the time step was set so as to provide at least 50 time steps per one 
rotor passing period, while the rotor passing period is equal to the time of ¼ impeller revolution.  

The total-to-static stage efficiency was calculated with using the following equation: 
 

.
)(30 0HGG

nM

leakT

R
st ⋅+⋅

⋅⋅
=−

π
η  (2) 

 
A mass flow through the turbine impeller GT is defined numerically, while empirical equation is 

used to calculate leakage mass flow Gleak: 
 

.13.0 0

χ
imp

leak
G

G =  (3) 

 
Gimp0 is mass flow through the impeller with zero rotational speed. The equation is obtained for 

the model turbine on the base of the data from the experiments carried out by Nosov (Nosov 1979). 
For turbines with the same type of seal the applicability of the formula is provided by introduction 
of χ coefficient which is a quotient of ka divided by kamod for the model stage. ka is a relation of the 
overall nozzle throat area of a given turbine to the cross-section area over the last seal’s fin in the 
same turbine. ka for the model turbine amounts to 1.89. 
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Numerical Simulation Methodology Validation 
Due to the high complexity of the object exposed to a CFD analysis (transonic flow in the 

nozzles, rotor – hood interactions) the validation of the simulation method is an important criterion 
of a credibility of the results. The validation is carried out on the base of experimental results 
obtained for a centrifugal reaction turbine at the department of Turbines, Hydromachines and 
Aircraft Engines in Polytechnic University in the latter 70th of the 20th century. The physical 
experiments were carried out by Nosov and formed part of his doctoral thesis (Nosov 1979). The 
turbine studied by Nosov (hereinafter referred to as “Model turbine”) consisted of a centrifugal 
impeller assembled with a radial bladeless diffuser. Its design parameters and the outline are 
presented in table 2 and figure 3, respectively.  

The CFD simulation was implemented for two different pressure ratios within the range of u/C0 
from 0.1 to 0.3. The turbine torque and efficiency obtained by CFD and in the physical experiment 
were exposed to a comparison and are depicted in figure 4. In order to avoid additional uncertainties 
while assessing the CFD method accuracy the flow leakage modeling was omitted. The comparison 
was implemented for the efficiency with not taking into account the leakage mass flow ηwl, as 
described by equation (6): 

 

.
30 0HG

nM

T

R
wl ⋅⋅

⋅⋅
=

π
η  (6) 

 
Table 2: Design parameters of the model turbine and simulation boundary conditions 

Parameter Dimensions Value 

Throat shape - Rectangular 
Dm mm 206 
ath mm 14.2 
lth mm 4.2 

β2* deg. 0 (Tangential outlet) 
Z - 4 

Working fluid - Air real gas 
Outlet pressure Pa 101325 

Turbine pressure ratio π - 4.88; 5.66 

Total inlet temperature  K 288; 293 (for π=4.88 
and 5.66, respectively) 

 
Figure 3: The model centrifugal turbine outline 
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As can be seen from figure 4, all the three considered models (1D, CFD steady state and 
transient) tend to overpredict the turbine torque and efficiency within the whole range of u/C0 under 
discussion. The CFD models provide more reliable results than 1D simulation, whereas transient 
CFD replicates the turbine behavior better than the steady state approach. Another interesting fact 
supports the necessity of transient CFD: the turbine torque curves obtained by transient CFD 
simulation and the ones from the physical experiment are equidistant, while the credibility of 
steady-state approaches (1D and CFD) diminishes with increasing of the turbine rotational velocity. 
This can indicate intensive interactions of the nozzle outlet flow and low speed flow in the hood. 
Transient CFD modeling with using the simulation approach and grid density parameters described 
above enables to obtain the acceptable accuracy (not more than +2.8% for pressure ratios below 
5.66). 

 

  

  
Figure 4: The centrifugal turbine performance  

Centrifugal Reaction Turbine Performance and Peculiarities 
Turbine mass flow, torque, power and efficiency are presented in figure 5. “CFD” curves 

represent the results of the transient simulation. Each chart contains the line of a maximal rotational 
speed due to strength limitations. Performance lines are provided for the wide range of rotational 
speeds but the operational points to the left of the line are practically permissible only.  

A mass flow rate through the turbine impeller GT increases with rotational speed. Indeed, in 
accordance with the rotalpy conversation equation applied for the stage, relative total enthalpy 
increases from the inlet to the throat as a result of a rise of circumferential velocity: 

 

.
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Due to the turbine design relative velocity w remains almost the same while moving from 
section 1 to section c. Thus, the rise in relative total enthalpy and the static enthalpy is almost 
equivalent.  As a consequence, static pressure in the vicinity of the throat exceeds the one at the 
inlet. Higher pressures for higher rotational velocities cause a considerable increase in mass flow 
rate. Consequently, GT is a function of u but explicit correlation can’t be provided since they are 
related via pressure and enthalpy.  

Non-linear torque line can be justified by providing the equation of M as a function of 
circumferential velocity u2. In these terms two operational points are considered: hypothetic 
nominal rating and the one with higher rotational velocity and therefore higher u2 value. Related 
velocity triangles are depicted in figure 6. As can be seen, c1u becomes zero as a result of axial flow 
inlet. A modification of Euler equation for turbine torque (4) with using figure 6 gives equation (9). 

 
),( 2211 rcrcGM uu −=  (8) 
).( 2222 uucGrM nn

u −+=  (9) 
 
Velocities at the nominal rating are deemed to be constant. In case of a constant mass flow rate 

GT turbine torque M versus u function is linear, which is typical for conventional turbines. But as 
shown before, GT is non-linear function of u2, which means that the dependency between turbine 
torque M and u can be fitted by a polynomial higher than second order.   

 

  

  
Figure 5: The centrifugal turbine performance  

 
Turbine power chart comprises curves for power produced by a turbine and disc friction losses. 

Total-to-static efficiency curves depicted in figure 5 show that 1D model has acceptable accuracy 
till u/C0=0.4 and then the discrepancy sees a constant increase. This is likely to be due to additional 
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losses from interaction of transonic discharge flow with a downstream hood which are only 
captured via transient simulations as described by Davis (2004). 

Total-to-static efficiency reaches almost 0.5 at optimal u/C0 value of about 0.6. This value seems 
to be critically low for conventional steam and gas turbines but is typical for high enthalpy stages, 
especially partially admitted. Figure 7 comprises a data on transonic stages efficiency summarized 
by Sebelev (2017) in his doctoral thesis. The references are not provided on the diagram due to their 
sheer volume and can be found in the original work.  

 

  

Figure 6: Velocity triangles and angles Figure 7: Transonic turbines typical 
efficiency (Sebelev 2017) 

 
Turbine Performance at Off-Design Conditions 
As reported in the introduction pressure and gas flow variation is typical for a gas letdown 

station operation. Therefore ability of an expander unit to provide efficient and stable operation 
within a wide range of inlet conditions is of particular importance. This chapter aimed at 
comparison of a centrifugal reaction turbine and axial impulse turbine performance within a wide 
range of pressure ratios. A centrifugal turbine preliminary design has been implemented via 1D in-
house tool described above, as well as the turbine’s performance lines. An axial turbine from the 
doctoral thesis of Sebelev (2017) is considered. 1D meanline model described in the said thesis is 
used for the axial turbine simulation. Both turbines have 28 kW of output power at the design point 
of p2 = 1atm, π = 5.0, T0* = 343K and are driven by air. A pressure ratio 1.5 < π < 8.0 is considered. 
An optimal u/C0 value (the value that provides the maximal total-to-static efficiency) is chosen for 
each pressure ratio. Charts for total-to-static efficiency, normalized mass flow rate (a ratio between 
a current mass flow rate and the mass flow rate through the axial turbine at the design point) and 
normalized power (a power at different pressure ratios divided by the nominal power) are given in 
figure 8. 

 

   
Figure 8: Comparison of centrifugal bladeless and axial impulse turbine (1D model results) 
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Total-to-static efficiency curve illustrates typical axial turbine behavior: efficiency sees a 
decrease while the pressure ratio π varies from the design point, whereas the pressure ratios below 
the design one are evidently more adverse. The latter was also shown by  Natalevich (1979). On the 
contrary, centrifugal turbine exhibits flat efficiency curve within the whole range of pressure ratios. 
In fact, higher values could be obtained if rotational velocity limit due to strength safety were not 
imposed.  

In spite of significantly different efficiency both turbines provide comparable power within the 
range under consideration. This is owing to an increasing mass flow rate of the centrifugal turbine 
affected by its rotational velocity as described above. Indeed, centrifugal turbine requires higher 
mass flow rates to generate the same power due to a lower efficiency. But in fact, due to significant 
flow fluctuations turboexpander turbine rare operates at design mass flow as shown by simulation 
results provided by Borelli et al. (2015) and given in figure 9. In periods of peak power 
consumption it is supplemented by conventional throttling values. Energy within the excessive flow 
is therefore lost in case of conventional turbine, but is captured by centrifugal turbine resulting in 
almost the same power output as shown in figure 8. In general, normalized mass flow rate plots 
show that a centrifugal turbine is able to operate within a wider range of mass flow rates than a 
conventional axial turbine.  

It should be noted that due to its expected lower cost a set of two centrifugal turbines installed in 
parallel may be introduced to avoid deep part load operation. In case of conventional turbine units 
such measures are usually not economically viable. In general, more extensive economical 
evaluation is required to obtain secure predictions of the proposed turbine applicability. On this 
account technical-economic model is a subject of further studies. 

 

 
Figure 9: Simulated operation of gas turboexpander (Borelli et al. 2015) 

 
CONCLUSIONS 
A brief overview on turboexpander generation potential worldwide shows that the latter is 

promising source of electrical energy production in the future. Nevertheless, a development of gas 
turboexpander market is inhibited by the following major issues: 

1. Long payback period of plants with conventional turbines as a result of a high cost of the 
latter ones;  

2. Significant annual fluctuations of gas inlet parameters, which result in poor efficiency and 
reduced power output;  

3. High demands of conventional turbines in terms of working fluid cleanliness and erosion 
activity. 

In order to address the said problems a novel unconventional bladeless centrifugal reaction 
turbine was proposed. 1D and 3D models have been carried out to study the turbine performance at 
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design and off design conditions. Since part-load operation prevails at gas letdown application, a 
particular attention is paid for this. A comparison study of a centrifugal turbine and transonic axial 
turbine is carried out for a wide range of non-design points. The following major outcomes have to 
be reported: 

1. Turbine performance particularities have been revealed expressed as non-linear turbine 
torque versus u/c0 plot and dependency of a mass flow from a rotational velocity. 

2. The ability of a centrifugal turbine to process higher range of mass flows is in line with gas 
letdown stations application specificities. 

3. A centrifugal turbine provides more stable efficiency within a wide range of pressure ratios 
while an axial one has a pronounced peak. In spite of axial turbine higher efficiency, both machines 
exhibit close power output as a result of the abovementioned performance particularities. 

4. The cost of a centrifugal bladeless turbine is expected to be lower than of conventional ones 
due to technological simplicity, absence of blades and a nozzle block. Bladeless design is also 
favorable in terms of mud and erosion resistance. 
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