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ABSTRACT
Centrifugal compressors are generally considered as good options for industrial-scale
high-temperature heat pumps with temperature lifts exceeding those currently commer-
cially available. The present paper studies how the evaporating temperature affects the
key compressor inlet design parameters which heavily relate to the impeller design and
compressor performance. The results indicate that, for a fixed heat pump temperature
lift, the rate of change of these parameters increases when the evaporating temperature
increases.
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Nomenclature

Latin alphabet
∆hs isentropic enthalpy increase [J/kg]
Ma Mach number
b blade height [mm]
c absolute velocity [m/s]
i incidence angle [◦]
N rotational speed [rps]
Ns specific speed [-]
qm mass flow [kg/s]
qv volume flow [m3/s]
u peripheral velocity [m/s]
w relative velocity [m/s]
Greek alphabet
β relative flow angle [◦]
γ heat capacity ratio
µ viscosity [kg/ms]

ω angular velocity [rad/s]
ρ density [kg/m3]
τ tip clearance [mm]
Abbreviations
HPC high-pressure compressor
LPC low-pressure compressor
Superscripts
* no-slip velocity
Subscripts
1 impeller inlet
2 impeller outlet
h hub
s isentropic
t tip, total state
u tangential component
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INTRODUCTION
In EU28, the heating accounts for 48% of energy end-use, and around 65% of the heat

demand in EU28 were covered with fossil fuels in 2015 (Fleiter et al. 2017). Heat pumps are
seen as key technology in the decarbonisation, especially in decarbonisation of heating. E.g.
Bogdanov et al. (2021) estimated that, globally, heat from heat pumps will more than double
from 2020 to 2050. On the other hand, Wolf & Blesl (2016) estimated that the economically
viable potential for heat pumps in the EU28 industry is only 75 TWh, and technically viable
potential is 480 TWh. Additionally, Papapetrou et al. (2018) concluded that there is only around
100 TWh of available waste heat in the temperature range of below 200◦C.

One reason for the low economically feasible or technologically viable potential in the lim-
itations of the present heat pumps. Jesper et al. (2021) estimated that 98% of market-available
heat pumps have lower temperature lift than 70◦C. Additionally, Arpagaus et al. (2018) con-
cluded that there are few reports for heat pumps with a larger temperature lift than 70◦C. The
compressor is seen as one of the most important, if not the most important, component in heat
pumps (Frate et al. 2019), and the highest irreversible losses in heat pump cycles occur in
the compressor (Bamigbetan et al. 2017). Centrifugal compressors are seen as a good option
in large-scale heat pump applications (thermal power 500-2000 kW (Frate et al. 2019)), and
turbo-compressors reduce heat pump energy consumption (Šarveski & Šarveski 2017). Addi-
tionally, oil-free centrifugal compressors are mentioned to be important for increasing the cycle
efficiency (Arpagaus et al. 2018).

When the heat pump cycle and component design are concerned, Ma et al. (2020) concluded
that multi-objective optimisation leads to better cycle design than single-objective optimisation.
Also, Meroni et al. (2018) mention that the cycle and compressor design should be combined.
Uusitalo et al. (2020) combined the compressor and cycle design for a cascade heat pump, and
estimated COPs of around 3 with a heat pump temperature lift of 70◦C.

It is commonly known that centrifugal compressors have a better efficiency than positive
displacement compressors (e.g. see Gresh (2018)). Additionally, high-speed centrifugal com-
pressors can be equipped with oil-free bearings, solving the problems associated with oil lubri-
cated compressors in heat pumps. If the oil is mixed into the working fluid, the heat exchanger
performance is reduced and pressure losses are increased which result in lower COP (Hughes
et al. 1980, Lottin et al. 2003). Additionally, when Aguilera et al. (2022) categorised failures in
large, industrial-scale heat pumps, lubrication system was a root cause for 12% of the faults.

Despite the drivers for low-carbon heat, there are little available literature on heat pumps
with a higher temperature lift, and especially literature combining the compressor and cycle de-
signs. The present study focuses on the effect of evaporator temperature on a high-temperature
heat pump compressor design.

The aim of the present paper is to study how certain centrifugal compressor design param-
eters and preliminary design results behave as a function of evaporator temperature for a fixed
heat pump process. Eight different working fluids are compared to see how the design param-
eters very between them. More precisely the rate of change of these design parameters for a
fixed heat pump process as a function of evaporating temperature is studied.

THE STUDIED HEAT PUMP PROCESS AND WORKING FLUIDS
The present study focuses on a preliminary centrifugal compressor design for a two-stage

high-temperature heat pump. Currently, two- or multi-stage cycles are seen as best options
for high-temperature heat pump applications (Zhang et al. 2016, Mateu-Royo et al. 2018, Kos-
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Figure 1: Schematic process layout.
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Figure 2: Pressure-enthalpy diagram of the
process with R245fa as the working fluid.

madakis et al. 2020, Uusitalo et al. 2020). The studied heat pump cycle is a two-stage system,
where the high- and low-pressure cycles are combined with a flash intercooler. The heat pump
temperature lift is 100◦C, and the evaporating temperature is varied from -5 to 40◦C. The wide
evaporating temperature range is chosen to see how it would affect the compressor design in
different conditions. The lower end of the evaporator temperature range represents for exam-
ple ambient air which could be used as the heat source for district heating applications and
the higher end would represent low-grade waste heat which could be upgraded to temperatures
above 100◦C. The thermal power of the condenser is set to 500 kW. The use of a flash intercooler
necessitates both cycles to have the same working fluid. A schematic layout of the two-stage
heat pump process is presented in Fig. 1, and an example of a cycle in pressure-enthalpy dia-
gram is presented in Fig. 2. The cycle is summarised in Table 1.

Both compressors have a suction vapour heater before them to ensure that the compression
process is in the superheated region throughout the compression. Compressors are mechanically
connected to the same shaft. Hence, only a single drive is needed, but on the other hand,
the compressors must have the same rotational speed. Heat pump cycle calculations provide
the thermodynamic input values (compressor inlet temperatures, pressures, mass flows, and
required pressure ratios) for the compressor design.

In this study, eight different working fluids are studied. The working fluids and their critical
pressures and temperatures are presented in Table 2. The chosen working fluids are commonly
studied in heat pump context (Bamigbetan et al. 2018, Mateu-Royo et al. 2018, 2020, 2021,
Yan et al. 2021). In the present study, with isobutane, the highest evaporating temperatures lead
to conditions exceeding the critical point of the fluid in the condenser. Trans and supercritical
cycles are beyond the scope of this study, and consequently these results will not be presented.
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Table 1: Summary of the process

1 → 2 low-pressure compressor
2 → 3 low-pressure cycle condensation in the flash intercooler
3 → 4 low-pressure compressor suction vapour heater, liquid side
4 → 5 low-pressure cycle expansion valve
5 → 6 evaporator, including superheating
6 → 1 low-pressure compressor suction vapour heater, vapour side
7 → 8 high-pressure compressor
8 → 9 condenser, including subcooling
9 → 10 high-pressure compressor suction vapour heater, liquid side
10 → 11 high pressure cycle expansion valve
11 → 12 high-pressure cycle evaporation in the flash intercooler
12 → 7 high-pressure compressor suction vapour heater, vapour side

Table 2: The studied working fluids and their main properties.

Working Chemical Molecular Critical Critical
fluid formula weight temp. pressure

[kg/kmol] [◦C] [kPa]
R1233zd(E) CF3CH=CHCl 130.5 166.5 3624
R1234ze(Z) CHF=CHCF3 (cis) 114.0 150.1 3531
R1224yd(Z) CF3CF=CHCl (cis) 148.5 155.5 3337
R245fa CF3CH2CHF2 134.0 153.9 3651
butane CH3-2(CH2)-CH3 58.1 152.0 3796
isobutane CH(CH3)3 58.1 134.7 3629
pentane CH3-3(CH2)-CH3 72.1 196.6 3368
isopentane (CH3)2CHCH2CH3 72.1 187.2 3378

SOME COMPRESSOR DESIGN CONSIDERATIONS
Used preliminary compressor design method
The preliminary centrifugal compressor design method used in this study is mainly based

on that of Larjola (1988), and the key principles are repeated here for readers’ convenience.
The thermodynamic input values for the compressor design, such as inlet temperatures and
pressures, pressure ratio and mass flows are obtained from the heat pump cycle analysis, not
discussed in this study and the working fluid properties are estimated with REFPROP, NIST
Reference Fluid Thermodynamic and Transport Properties Database (Lemmon et al. 2010).

The design begins by choosing a suitable specific speed, defined as

Ns =
ω
√
qv1

∆h0.75
s

(1)

In this study, the specific speeds nor the rotational speeds are not input values for the com-
pressor design as such. The specific speeds are used as input values for the thermodynamic
heat pump cycle analysis, which then solves the isotropic enthalpy rise in each compressor
based on the intercooler pressure. The intercooler pressure is iterated with the evaporator and
condenser pressures, given specific speeds, and the requirement that the compressors have the
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Table 3: Suitable relative inlet flow and design operating point incidence angles.

β1t notes reference
56-60 Dixon & Hall (2014)

60 Osborne et al. (1974)
58-60 Casey & Robinson (2021)
65.4 Ma = 1.5 Casey & Robinson (2021)
i notes reference
4 Osborne et al. (1974)

3-7 Ma < 0.6 Japikse (1996)
0-4 0.6 < Ma < 0.9 Japikse (1996)
-2-3 0.9 < Ma < 1.3 Japikse (1996)

0.5-1.5 for transsonic design Casey & Robinson (2021)

Table 4: Recommended hub-to-tip diameter ratios.

d1h/d1t notes reference
0.3-0.6 Dixon & Hall (2014)

0.27-0.36 Rodgers (1980)
0.3-0.5 Osborne et al. (1974)
0.3-0.4 for overhung design Japikse (1996)
0.4-0.5 for doubly supported Japikse (1996)

same rotational speed. Hence, the rotational speed is also an input for the compressor design.
The specific speeds were set to 0.9 and 0.6 for the low- and high-pressure compressors,

respectively. The specific speed values have been chosen as a compromise between the low-
and high-pressure compressor performance, and are still expected to yield a decent performance
Rodgers (1980). Once the rotational speed has been fixed, the leading edge of the impeller
blades can be designed. First, we set the relative inlet flow angle and the design operating
point incidence. There are several proposals for each in relevant literature and some of them
are summarised in Table 3. Additionally, Li et al. (2020) conclude that when Mach number
increases, the optimum inlet flow angle is more tangential and for gases with γ between 1.2...1.4,
the flow should be 1-2◦ more tangential at the inlet.

In addition to flow and incidence angles one needs to set the impeller inlet hub-to-tip diam-
eter ratio, d1h/d1t. There are some recommendations in literature, and these are summarised
in Table 4. Now, the inlet diameters, velocity triangle and Mach numbers at the inlet can be
estimated.

After the impeller inducer design, the impeller outlet can be estimated. The stage enthalpy
increase can be expressed with the Euler’s turbomachinery equation, accounting for the losses,
as

∆ht =
∆ht,s

ηs
= u2cu2 − u1cu1 +∆hw +∆hc, (2)

where Larjola (1988) proposes for the disc losses (∆hw) and clearance losses (∆hc)
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∆hw =
0.0797ρ2ω

3r52
qmRe

0.2327
2

(3) ∆hc = ∆ht,s
0.4τ2
ηsb2

(4) Re2 =
ρ2ωr

2
2

µ2

(5)

The model, as proposed, is for open impellers, and if shrouded impellers were to be studied,
the model should be fine-tuned.

Now, one can solve for the (u2cu2 − u1cu1), and by assuming initial guess for the cu2, the
impeller outlet radius can be solved with equation 8.

To solve the velocity triangle at the impeller outlet, one needs to choose the blade angle
at the impeller outlet. The recommended range for the impeller outlet blade angle γ2 is quite
broad, varying from 25 to 70◦, but for the best efficiency over large operating range, values
between 30 and 40◦ are suggested (Osborne et al. 1974, Rodgers 1980, Japikse 1996, Casey
& Robinson 2021). Additionally, the slip factor model and diffusion factor needs to be chosen
along with the blade number at the impeller outlet. For the present model the slip factor is
defined as per equation 6, and a slip factor model proposed by Coppage & Dallenbach (1956)
has been used in the present study (equation 7)

ξ = 1− c∗u2 − cu2
u2

(6) ξ =

1 + π cos γ2

2Z
(
1− d̄1

d2

)
−1

(7)

For the blade number, for example Rodgers (1980) studied impellers with the number of
blades between 14 and 36, and Musgrave (1980) studied impeller with 15 to 24 blades. An
initial guess is made for the slip factor, and then the velocity triangle at the impeller outlet is
solved. To obtain the working fluid state at the impeller outlet Larjola (1988) uses Rodgers
(1980) prediction for the impeller polytropic efficiency. The impeller isentropic efficiency is
defined with the obtained polytropic efficiency, and with this, the working fluid state at the
impeller outlet is defined.

After this, the blade height at the impeller outlet is defined

r2 =
u2

ω
(8) b2 =

1

1− k

qv2
2πr2cr2

, (9)

where coefficient k accounts for the boundary layer blockage. It should be noted that the pro-
posed model does not account for the geometrical blockage at the impeller outlet.

The procedure is iterative, and after each round the energy equation (Eq. 2) is checked.
Once the solution has been converged, the main impeller dimensions, outlet diameter and blade
height, inlet tip and hub diameters, and estimate for the total-to-total impeller (and stage) effi-
ciency, can be defined.

The summary of other design inputs used in the preliminary compressor design are shown
in Table 5.

Method verification
The preliminary design method, presented above, is compared against a commercial through-

flow solver Vista™ CCD (PCA Engineers n.d.). The though flow solver was originally devel-
oped by Casey & Robinson (2008), and the solver is designed for both real and ideal gases. The
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Table 5: Compressor 1D design inputs.

Parameter Value
Impeller inlet hub-to-tip diameter ratio, d1,hub/d1,tip 0.3
Relative inlet tip flow angle, β1t 58◦

Design operating point incidence angle, i 4◦

Impeller diffusion ratio, w1/w2 1.4
Impeller outlet blade angle, γ2 40◦

Number of blades (incl. full blades and splitters), Z 18

comparison is made for low-pressure compressor with R245fa as the working fluid. In addi-
tion, the design method proposed here is compared to a preliminary design method using loss
correlations presented by Uusitalo et al. (2020).

The comparison of the three methods for predicted efficiency, impeller outlet diameter, im-
peller outlet blade height and impeller inlet relative Mach number is presented in Fig. 3. For
example, the proposed method yields around 20% higher blade heights, than the loss correlation
method (red dot-and-dash-line).
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Figure 3: Comparison of the proposed de-
sign method to a commercial throughflow
solver (black) and a 1D design method
with loss correlations (red).

The agreement of the proposed method is bet-
ter with the throughflow solver. The differences in
impeller outlet diameters and inlet Mach numbers
are within 3%. The efficiencies are the same at
lower evaporating temperatures, but differ around
5% from each other at higher evaporating temper-
atures. The differences in the blade height differ
between 4 and 8%.

Considering the other preliminary design
method, the agreement is not as good. Impeller
outlet diameters are in excellent agreement. Com-
pressor efficiency difference is very similar to the
difference with the throughflow solver. At the
highest evaporating temperatures, the method pro-
posed here predicts higher efficiencies. The blade
height is around 20% higher with the method pro-
posed here.

Generally speaking, given the inherent uncer-
tainties in the preliminary compressor design, the
results given by the proposed method are compa-
rable with the other two methods, and is considered to be accurate enough for the preliminary
design to compare how different working fluids affect the compressor design. Largest differ-
ences are in the blade height at the impeller outlet, but one should acknowledge that due to the
relatively small blade height, relative differences seem larger.

RESULTS
As equation 1 indicates, the rotational speed depends on the compressor inlet mass flow and

density, and the compressor isentropic enthalpy rise. Mass flow is chosen for the analysis over
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the volumetric flow, as the mass flow is obtained from the thermodynamic cycle analysis, and
remains constant over the machine. Additionally, when the volume flow is expressed with the
mass flow and density, the effect of working fluid density can be assessed. Curves were fitted
for all three parameters, and then derived with respect to the evaporating temperature to see how
the evaporator temperature affects the rate of change of the three parameters. The equation for
the fitted curves are:

qm,LPC = aT 2 + AT + α

ρ1 = bT 2 +BT + β

∆hs = cT 2 + CT + γ

(10)

and the the mean relative error for each polynomial fit is less than 3%.
The derivatives of the compressor mass flow, density and isentropic enthalpy change with

respect to the evaporating temperature are presented in Figs. 4, 5, and 6, for the low-pressure
compressor, and in Figs. 7, 9, and 8, for the high-pressure compressor, respectively. All the pre-
sented variables are normalised with the value at the lowest condensing temperature to highlight
the changes. The rate of change increases with all variables when the evaporating temperature
changes. The change is the largest with the LPC inlet density and HPC mass flows followed by
the HPC inlet density.

For other parameters than for the mass flows, the signs of the derivatives are the same for
all parameters. The reason why the mass flow derivatives have different signs originates from
the thermodynamic heat pump cycle design and its boundary conditions. When the evaporating
temperature increases, the enthalpy change in the condenser decreases and, as the thermal power
of the condenser is fixed, the HP-cycle mass flow increases. Similarly, the enthalpy change
in the evaporator decreases when the evaporating temperature increases, which would lead to
increasing mass flows also in the LP-cycle. However, the mass flow in the LP-cycle decreases
because the evaporator heat rate decreases with the increasing evaporator temperature. The
decreasing heat rate is dominant over the decrease of the evaporator enthalpy change.
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Figure 4: LPC inlet mass flow deriva-
tives as a function of evaporating tem-
perature.
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Figure 5: LPC inlet density deriva-
tives as a function of evaporating tem-
perature.

Relative Mach number at the compressor inlet at the blade tip is a function of the local speed
of sound and relative velocity. The speed of sound and relative velocity are also estimated with

8



-5 0 5 10 15 20 25 30 35 40

Evaporating temperature [°C]

0.4

0.5

0.6

0.7

0.8

0.9

1

d
h

s
/d

T

R1233zd(E)

R1234ze(Z)

R1224yd(Z)

R245fa

butane

isobutane

pentane

isopentane

Figure 6: LPC isentropic enthalpy rise
derivatives as a function of evaporat-
ing temperature.
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Figure 7: HPC inlet mass flow deriva-
tives as a function of evaporating tem-
perature.
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Figure 8: HPC isentropic enthalpy
rise derivatives as a function of evap-
orating temperature.
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Figure 9: HPC inlet density deriva-
tives as a function of evaporating tem-
perature.

second order polynomial fits and derived with respect to the evaporating temperature. The mean
relative error for the fits is less than 2%. Figs. 10 and 11 present the relative inlet velocity and
Mach number derivatives for the low- and high pressure compressors, respectively. In absolute
terms, the rate of change increases when the evaporating temperature increases. The differences
between the different fluids are small, apart for butane and isobutane.

CONCLUSIONS
In this study, the effect of evaporating temperature of a high temperature heat pump process

on certain centrifugal compressor design parameters were studied with eight different working
fluids. The heat pump process was fixed in terms of condenser thermal power and the heat pump
temperature lift. The paper focused on the rate of change of these design parameters.

The rate of change in the design parameters increased when the evaporating temperature is
increased. Some of the change is due to change in the evaporating and intercooler pressures,
but in addition to this, the the working fluid properties change faster at higher temperatures.
Especially with isobutane, where the temperatures get closer to the critical point, the rate of
change is quite rapid.
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Figure 10: Low-pressure compressor inlet velocity and Mach number derivatives.
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Figure 11: High-pressure compressor inlet velocity and Mach number derivatives.
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Centrifugal compressors are commonly seen as good options for industrial scale high-
temperature heat pumps. The rapidly changing working fluid properties and their effect on
the compressor design should be accounted for when the heat pump and compressor off-design
design performance are considered. Especially, when heat pumps are designed for higher evap-
orating temperatures.
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